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a b s t r a c t

Existing heat transfer correlations poorly predict the thermal performance of falling film evaporators
utilized in MED (multi effect desalination) units. At typical operating conditions of these units, most
correlations suggest that the two-phase heat transfer coefficient increases with the mass flow rate and is
independent of the wall superheat. Although these correlations are valid within their particular range of
parameters, they are not suitable prediction tools for MED units as they operate at high vapor qualities
under a sub-atmospheric condition. In addition, strong interconnected effects of the wall superheat and
the mass flow rate on the thermal performance are often unavoidable in the MED units. The present
study aims to elucidate the thermal transport processes of the falling film evaporators utilized in these
MED units. Results show, at a constant value of DT= _mf which is a design characteristic of these units, the
average heat transfer coefficient first decreases and then increases as the inlet mass flow rate increases.
Result also indicate the wall superheat for this transition increases at higher values of DT= _mf . The
detailed thermo-hydrodynamic physics of the involved transport processes is elucidated using the VOF
(volume of fluid) multiphase model in the curvilinear coordinate.

© 2015 Elsevier Ltd. All rights reserved.
1. Introduction

Evaporation of falling two-phase flows over a tube bundle,
falling film evaporation, is an important problem taking place in
many industrial devices such as evaporators, condensers and sea
water desalination units [1,2]. Falling film evaporation is also a
common phenomenon in the petrochemical industries as well as
large heat pump systems [3].

Heat transfer coefficient is the most important parameter in the
design stage of many thermal devices utilizing an evaporating
falling film over a tube bundle. Although falling film evaporation
over a tube bundle has a wide range of applications, most available
heat transfer correlations are valid for their particular range of
parameters [1e7]. Most correlations restrict their range of validity
to low vapor qualities or atmospheric conditions. As a result, they
cannot precisely predict the thermal performance of the MED
(multi effect desalination) units operating at high vapor qualities
under a vacuum condition. Therefore, new studies focusing on the
thermo-hydrodynamic flow conditions of these thermal devices are
necessary to further advance the design stage, operation phase and
future optimization of such units.

A state-of-the-art review of falling film evaporation on single
tubes and tube bundles is presented by Thome [1]. Both plain and
enhanced tubes are addressed in his survey. He concluded that the
enhanced tubes provide a very high level of heat transfer
augmentation for falling film evaporation on horizontal bundles,
sharply reducing the required refrigerant charge compared to
flooded evaporator designs. Chyu and Bergles [8] developed an
analytical model to predict the heat transfer coefficient of falling-
film evaporation on a horizontal tube. Their solution is consisted
of four separate zones around the circumference of the tube:
stagnation flow, impingement, thermal developing/developed with
heating of the liquid, and fully developed region with surface
evaporation. Their results showed that for the case of saturated
falling films, convective heat transfer leads to evaporation at the
liquidevapor interface. By increasing heat flux, nucleate boiling



Nomenclature

k turbulent kinetic energy
h heat transfer coefficient (W/m2-K)
p pressure
J Jacobian of the coordinate transformation
k turbulent kinetic energy, m2/s2

u velocity component in x-direction (m/s)
v velocity component in y-direction (m/s)
U velocity component in x-direction (m/s)
V velocity component in h-direction (m/s)
Cv specific heat capacity (J/kg-K)
DSm mean Sauter diameter (m)
K thermal conductivity (W/m-K)
E enthalpy (J/kg)
g11 grid parameter
g12 grid parameter
g22 grid parameter
n normal vector
_mf inlet mass flow rate of the feed water
x horizontal coordinate
y vertical coordinate
S source term

hlv latent heat (J/kg)

Greek symbols
a volume fraction
b mass transfer-time relaxation parameter
r density (kg/m3)
s surface tension
m dynamic viscosity (Pa-s)
k surface curvature
x curvilinear horizontal coordinate
h curvilinear vertical coordinate
ε the turbulent dissipation rate
c average specific heat capacity (J/kg-K)
q contact angle

Subscripts
l liquid water
sat saturation condition
v vapor
f feed water

Superscripts
C contravariant velocities
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occurs; vapor bubbles grow and are carried along by the film flow
such that both thin falling-film evaporation and nucleate boiling
play a role in the heat transfer process, depending mainly on the
heat flux and liquid mass flow. Falling thin-film heat transfer on
horizontal smooth tubes had been examined by Parken et al. [9].
They found that the average boiling heat transfer coefficients
enhance by an increase in the feed water temperature, tube-wall
heat flux, and flow rate. Yang and Shen [10] carried out an exper-
imental study on falling film heat transfer outside horizontal tubes
in order to investigate the effects of different parameters on heat
transfer coefficient. Their results showed that the heat transfer
coefficient of falling film evaporation increases by an increase in the
liquid feed rate, evaporation boiling temperature and heat flux.
Habert and Thome [11,12] performed falling-film evaporation
measurements on a single tube row bundle and a three-row tube
bundle to obtain local heat transfer coefficients. They observed that
in a single-row configuration, the heat transfer coefficient is mostly
constant for a given heat flux in the plateau region until the onset of
dry-out is reached, followed by increasing dry-out of the surface
with a rapid decrease of the heat transfer toward the vapor-phase
heat transfer value at complete dry-out. They also concluded that
the bundle effects were detrimental to thermal performance.

With the recent advent of high-speed computers, the numer-
ical techniques for the simulation of two-phase flow with liquid-
evapor phase change have become very promising. Yang et al. [13]
performed VOF simulations of boiling flow of R141B in a hori-
zontal coiled tube. The calculations treated the phase change as a
local temperature dictated process based on a quasi thermo-
equilibrium assumption, which yielded a flow pattern in a good
agreement with the experimental observation. Son and Dhir [14]
used a coordinate transformation technique supplemented by a
numerical grid generation method to simulate film boiling for
both two-dimensional and axisymmetric flows. Yuan et al. [15]
presented a numerical method for the simulation of boiling
flows on non-orthogonal body-fitted coordinates via VOF (volume
of fluid) method based on PLIC (piecewise linear interface con-
struction) for tracking liquidevapor interface. They simulated
natural convection film boiling and forced convection film boiling
on a sphere at saturated conditions. In this work, boundary
conditions have curvy walls. Considerable efforts have been
devoted to simulate fluid flow and heat transfer in curved geom-
etries [16e20]. In these simulations, a transformation from the
physical space to the computational domain is performed. This
transformation is accomplished by specifying a generalized coor-
dinate system mapping the nonrectangular grid system of the
physical space to a rectangular uniform grid spacing in the
computational space [16,17,20].

The present study aims to understand the interconnected effects
of the wall superheat and the inlet mass flow rate on the thermal
performance of MED units operating at high vapor qualities under a
sub-atmospheric condition. Practical thermal performance curves
of falling film evaporators utilized in the MED units will be pre-
sented. The performance curves provide basic guidelines for the
design stage as well as the operation phase of the MED units.
Finally, the obtained performance curves will be compared with
two experimental MED units.
2. Mathematical formulation

The tube bundle layout employed for the current study is
schematically shown in Fig. 1. In the falling film process, the liquid
flowing downward by gravity will create a liquid layer film over the
tube walls. As the liquid film flows around the tubes, the liquid
temperatures increases to the saturation temperature in which the
evaporation process starts occurring. The volume fraction of liquid
and vapor phases is obtained by solving the continuity equation for
each individual phase. Since the volume fractions of two phases
sum to unity in each computational cell, the liquid volume fraction
can be calculated as follows:

al ¼ 1� av (1)

In the VOF (Volume of Fluid) method, it is assumed that all
phases have a shared velocity field determined from RANS (Rey-
nolds-averaged NaviereStokes) equations. Once the velocity field is
obtained, the continuity equation can be solved. For the vapor
phase, this equation has the following form:



Fig. 1. The physical domain of the tube bundle.
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v

vt
ðrlalÞ þ

v

vx
ðrlaluÞ þ

v

vy
ðrlalvÞ ¼ Sl (2)

Since the physical domain of the present study has curved
surfaces, this equation needs to be transfer to a general non-
orthogonal curvilinear coordinate framework with (x, h) as inde-
pendent variables [21,22]. In the curvilinear coordinate, the conti-
nuity equation has the following form [16,21e25]:

J
v

vt
ðrlalÞ þ

v

vx

�
rlalU

C
�
þ v

vh

�
rlalV

C
�
¼ JSl (3)

where

UC ¼
�
uyh � vxh

�
; VC ¼ �� uyx þ vxx

�
; J ¼

�
xxyh � xhyx

�
Using the above equations, the volume fraction of each phase is

determined. It should be noted, however, the phase volume fraction
values do not uniquely identify the interface between the phases.
Several specialized techniques are developed to track the interfacial
geometry accurately [23]. The VOF method assumes that the
interface is a continuous and piecewise smooth line in each
computational cell. In fact, these piecewise linear segments
construct the interface. The slope of interface line is determined
from the interface norm. These lines divide the computational cell
into sections in such a way that the volume of the phases in the cell
correspond with the values of the phase volume fractions in that
cell. The problem of finding these piecewise smooth lines is really
challenging and several techniques are developed. These tech-
niques are generally known as the PLIC (Piecewise Linear Interface
Calculation) algorithms [24].
As mentioned before, there is a unique velocity field shared by
all phases in VOF method. This velocity field is obtained by solving
the momentum equations throughout the domain. Falling film
evaporation is inherently turbulent. Therefore, the RANS (Rey-
nolds-averaged NaviereStokes) equations which are time-averaged
equations of motion for fluid flow are utilized [25]. Table 1 sum-
marizes the RANS equations in the curvilinear coordinate.

The velocity field is subject to the incompressibility constraint:

v

vx

�
UC
�
þ v

vh

�
VC
�
¼ 0 (4)

In order to avoid abrupt changes across very thin interfaces, a
volume weighted interpolation scheme is used for mixture prop-
erties in the RANS equations as below:

r ¼ alrl þ avrv (5)

m ¼ alml þ avmv (6)

In the RANS equations, n, s and k are surface normal vector,
surface tension and surface curvature respectively. There are
several ways to determine the normal vector [26]. Here, the
gradient of volume of fraction is used to calculate the normal vector
as [27,28]:

n!¼ V
/
al (7)

A typical computational cell and the normal vector to the
segment are schematically shown in Fig. 2.a. The normal vector can
be estimated in this cell as follows [28]:

nx ¼ 1
Dx

�
aliþ1;jþ1 þ 2aliþ1;j þ aliþ1;j�1 � ali�1;jþ1 � 2ali�1;j

� ali�1;j�1

� (8)

nh ¼ 1
Dh

�
aliþ1;jþ1 þ 2ali;jþ1 þ ali�1;jþ1 � aliþ1;j�1 � 2ali;j�1

� ali�1;j�1

� (9)

Fig. 2.b depicts fluid interface near rigid boundaries. For a
boundary cell, the surface normal vector can be directly determined
based on the static contact angle, qeq.

n!¼ �cos qeq�xþ �sin qeq
�
h (10)

The curvature, k, can be calculated as [28]:

k ¼ 1
j n!j

��
n!
j n!j$V

/
�
j n!j � �V/$ n!�	 (11)

In the VOF model, a unique energy equation is solved
throughout the computational domain and the obtained temper-
ature is shared by all phases.

J
v
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vx

�
rcUCT

�
þ v

vh

�
rcVCT

�
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q11

v
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vh
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q12

v

vx
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�
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�
q22

v

vh
ðKTÞ

�
þ JSE

(12)

where the thermal conductivity is calculated as:



Table 1
The momentum equations in the curvilinear coordinate [16,21e25].

RANS equation in x-direction:

J v
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RANS equation in h-direction:
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Turbulent kinetic energy k:

J v
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�
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The turbulent dissipation rate ε:
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K ¼ alKl þ avKv (13)

In the VOF model, the total enthalpy in a computational cell can
be treated as the mass average of the individual phases as follows:

E ¼ avrvEv þ alrlEl
avrv þ alrl

(14)

If the enthalpy is treated as above, c, the average specific heat
capacity, has the following form:

c ¼ alrlCv;l þ avrvCv;v
alrl þ avrv

(15)

In each computational cell, the evaporation or condensation
rates can be determined based on the cell temperature and the
mass of the phases. The magnitude of the evaporation process is
calculated by Lee [29] as follows:

Sv ¼ b1alrl





T � Tsat
Tsat





 (16)

Similarly, for the condensation process:

Sl ¼ b2avrv





T � Tsat
Tsat





 (17)

where b1 and b2 are the mass transfer time relaxation parameters
which are defined as:

b1 ¼ 6
DSm

ffiffiffiffiffi
M

p
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2pRTsat

p rvhlv
rl � rv

(18)
b2 ¼ 6
DSm

ffiffiffiffiffi
M

p
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2pRTsat

p rlhlv
rl � rv

(19)

where DSm and hlv are mean Sauter diameter and latent heat,
respectively [30]. In order to numerically maintain the interfacial
temperaturewithin Tsat± 1 K, b1 and b2 need to be fine-tuned. Large
values of these parameters induce a numerical oscillation, whereas
too small values cause the interfacial temperature to substantially
deviate from Tsat [13].

The heat transfer sources corresponded to the evaporation or
condensation processes are determined by multiplying the calcu-
lated mass transfer with the latent heat, i.e., for the evaporation
process:

SE ¼ �Svhlv (20)

And for the condensation process:

SE ¼ Slhlv (21)

The fluid velocity and feed water mass flow rate in y-direction
(or h-direction) are defined at the inlet boundary condition. At the
inlet, the fluid velocity in x-direction (x-direction) and the fluid
temperature are equal to zero and the saturation temperature
respectively. Therefore:

u ¼ 0; v ¼ vin; al ¼ 1; T ¼ Tsat ; k ¼ 3
2
ðvinIÞ2;

ε ¼ ð0:09Þ0:75k3=2l�1
(22)

At the outlet, it is assumed that the fluid has reached to a ter-
minal velocity. Furthermore, the fluid temperature is equal to the
saturation temperature. It should be mentioned, changes in



Fig. 2. (a) A schematic of a typical computational cell. (b) Fluid interface near a rigid boundary.
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saturation temperature due to the pressure drop are not taken into
account in this study. Therefore:

u ¼ 0;
vv
vy

¼ 0; T ¼ Tsat (23)

The boundary conditions at the tube wall are:

u ¼ 0; v ¼ 0; T ¼ Tw (24)

A symmetry condition is assumed at the right and the left of
computational domain as follows:

u ¼ 0;
vv
vy

¼ 0;
vT
vy

¼ 0 (25)

The heat transfer coefficient at the tube wall is calculated by:

h ¼ �kl
vT
vn

Tw � Tsat
¼ �kl

Tw � Tsat:

1ffiffiffiffiffiffiffiffiffi
Jg22

p �
g11

vT
vx

þ g22
vT
vh

�
(26)

3. Numerical validation and grid independency study

The present in-house computational fluid dynamics solver has
been verified in our prior publications [16,17,31]. Another com-
parison study, specifically suitable for the current problem, has
Fig. 3. Validation of numerical code with experimental data Parken et al. [9].
been carried out against the previously published data of Parken
et al. [9] to further evaluate the numerical code and non-orthogonal
grid discretization scheme of the problem. Their experimental
setup was similar to the present model. As observed in Fig. 3, the
numerical results and experimental data are fairly in a good
agreement with a maximum deviation of 17%.

To clarify the effect of mesh refinement on the numerical solu-
tion, three meshes are used in the numerical analysis: 500 � 40,
450 � 35 and 400 � 30. As shown in Fig. 4, increasing the grid
numbers does not significantly change the surface Nusselt number.
For the DT ¼ 4.75 �C and _mf ¼ 0:005 kg=s, 450 � 35 grids seem to
be optimum in accuracy and run-time. A similar type of grid in-
dependence study has been carried out for the other flow and
thermal conditions and optimum meshes are chosen (not reported
here).

4. Solution procedure

The governing equations with appropriate boundary conditions
are solved by employing the SIMPLE algorithm [32], a finite-volume
method, in a non-orthogonal curvilinear coordinate framework.
The Poisson equations are solved for (x,y) to find grid points [33]
and are distributed in a non-uniform manner with higher con-
centration of grids close to the curvy walls and normal to all walls,
as shown in Fig. 1. In this work, a fully implicit scheme is used for
the temporal terms and the HYBRID differencing [34] is applied for
Fig. 4. Numerical results of local heat transfer coefficient around the tube wall at
DT ¼ 4.75 �C and _m ¼ 0:005 kg=s.



Fig. 5. The velocity vectors at DT ¼ 9.5 �C and _mf ¼ 0:001 kg=s. Fig. 7. The local heat transfer coefficient at the tube surface at DT ¼ 9.5 �C and
_mf ¼ 0:001 kg=s.
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the approximation of the convective terms in a full-staggered grid.
In addition, the TDMA (tri-diagonal matrix algorithm) scheme is
used to solve the discrete algebraic equations. The governing
equations are solved by a SOR (successive over relaxation) method.
An under-relaxation technique is employed for a better
convergence.

One convergence criteria is a mass flux residual less than 10�7

for each control volume. Another criteria is (j4iþ1�4ij)/
j4iþ1j � 10�8, where 4 represents any dependent variable, namely
u, v and T, and i is the number of iteration.
5. Results and discussions

A schematic of the geometry along with computational grids is
presented in Fig. 1. In this work, only one part of the original ge-
ometry (rectangle of ABCD) is numerically solved to reduce the
computational time owing to the symmetry conditions. Six tubes
with a diameter of 19 mm are investigated. The overall dimensions
of the computational domain are 12mm in x-direction and 300mm
in y-direction. The simulations are conducted for the following
Fig. 6. The vapor volume fraction contour corresponding to 0.999 at DT ¼ 9.5 �C and
_mf ¼ 0:001 kg=s.
parameters: Tsat ¼ 321.65 K, rl ¼ 988.7 kg/m3, rv ¼ 0.077 kg/m3,
Cv,l ¼ 4327 J/Kg-K, Cv,v ¼ 1465 J/Kg-K, ml ¼ 560 mPa-s,
mv ¼ 10.57 mPa-s. The saturation temperature inside the evaporator
is fixed at Tsat and the effect of pressure drop on the saturation
temperature is not considered. The results are presented for a final
time of 10 s. However, a quasi-steady solution is achieved after 7 s
in most cases. Numerical calculations are carried out for different
values of the inlet feed water mass flow rates ( _mf) and the tube
surface superheats (DT ¼ Ttube�Tsat).

The velocity vectors at DT ¼ 9.5 �C and _mf ¼ 0:001 kg=s are
shown in Fig. 5. As it can be seen, at the upper side of the tube, the
direction of the fluid is downstream indicating the majority of the
fluid is the liquid water flowing downward with a gravitational
force. At the lower side of the tube, the fluid direction around the
tube is upward implying the major portion of the fluid is the water
vapor inclining to flow upward. In order to more clarify the main
phenomenological aspects of the problem, the vapor volume
Fig. 8. The average heat transfer coefficient versus the inlet mass flow rate at different
superheats.



Fig. 9. The vapor volume fraction contours corresponding to 0.99 at two different inlet mass flow rates (0.001 kg/s and 0.01 kg/s) for a fixed DT ¼ 9.5 �C.

Fig. 10. The local heat transfer coefficient at the tube surface at two different inlet
mass flow rates (0.001 kg/s and 0.01 kg/s) for a fixed DT ¼ 9.5 �C.

Fig. 11. The vapor volume fraction contours corresponding to 0.99 at two differ
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fraction contour of 0.999 for the same conditions of DT¼ 9.5 �C and
_mf ¼ 0:001 kg=s is drawn in Fig. 6. As shown, this figure again
emphasizes the major portion of the fluid at the lower part of the
tube is the water vapor. It can be also found that the liquid water is
dominant at the top section of the tube.

The local heat transfer coefficient at the tube surface is depicted
in Fig. 7 at DT ¼ 9.5 �C and _mf ¼ 0:001 kg=s. As mentioned earlier,
the majority of the fluid is the water liquid at the upper side of the
tube. This indicates the local heat transfer coefficient is relatively
higher compare to the lower side due to a higher thermal con-
ductivity of the liquid water compared to that of the water vapor. In
fact, the water vapor presented in the lower side acts as a thermal
resistant layer reducing the local heat transfer coefficient.

The effect of the inlet feed water mass flow rate at different tube
surface superheats on the average heat transfer coefficient is pre-
sented in Fig. 8. At a constant superheat, the results indicate the
average heat transfer coefficient enhances as the inlet mass flow
rate increases. For instance, at DT ¼ 9.5 �C, the heat transfer coef-
ficient increases by 55% if the inlet mass flow rate varies from
0.001 kg/s to 0.01 kg/s. To better understand this enhancement in
the average heat transfer coefficient, the vapor volume fraction
contours corresponding to 0.99 at two different inlet mass flow
ent superheats (DT ¼ 4.75 �C and DT ¼ 19 �C) for a fixed _mf ¼ 0:005 kg=s.



Fig. 12. The local heat transfer coefficient at the tube surface at two different super-
heats (DT ¼ 4.75 �C and DT ¼ 19 �C) for a fixed _mf ¼ 0:005 kg=s.
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rates for a fixed DT ¼ 9.5 �C are depicted in Fig. 9. As it can be seen,
the thermal boundary layer thickness reduces as the inlet mass
flow rate increases at a constant superheat resulting in an
enhancement in the average heat transfer coefficient. It is worth-
while to show the local heat transfer coefficient at the tube surface
for these two cases (cf. Fig. 10). As expected, the local heat transfer
coefficient increases at higher inlet mass flow rates if the superheat
is kept constant. This enhancement in the local heat transfer has
two different reasons at the upper and lower sides of the tube. At
the upper side of the tube, the fluid velocity and the convective heat
transfer effects are magnified by an increase in the inlet mass flow
rate. At the lower part of the tube, the enhancement in the local
heat transfer coefficient is due to a decrease in the thermal
boundary layer thickness.

Fig. 8 also shows that the average heat transfer coefficient de-
creases at higher the superheats if the inlet mass flow rate is kept
Fig. 13. Variations of the local heat flux with the superheat at different inlet mass flow
rates.
constant. For example, the heat transfer coefficient decreases by
12% if the superheat varies from DT ¼ 4.75 �C to DT ¼ 9.5 �C for a
fixed _mf ¼ 0:005 kg=s. To better understand the effect of the su-
perheat on the heat transfer coefficient, the vapor volume fraction
contours corresponding to 0.99 at two different superheats for a
fixed _mf ¼ 0:005 kg=s are depicted in Fig. 11. As this figure clearly
shows, the thermal boundary layer thickness grows as the surface
superheat increases at a constant inlet mass flow rate resulting in a
reduction in the average heat transfer coefficient at the tube sur-
face. The local heat transfer coefficient at the tube surface for these
two cases is shown in Fig. 12. When the surface superheat increases
from 4.75 �C to 19 �C at a constant inlet mass flow rate, the high
heat transfer coefficient region at the top side of the tube is
dramatically shrunk. This is largely due to the stretching of water
vapor layer to the top side of the tube. Fig. 12 also indicates the local
heat transfer coefficient decreases when the superheat increases at
a constant inlet mass flow rate.

The variations of the local heat flux (q
00 ¼ hDT) as a function of

the surface superheat at different inlet mass flow rates are shown in
Fig. 13. As the degree of the superheat increases at a constant inlet
mass flow rate, the heat transfer coefficient tends to decrease the
heat flux, whereas the surface superheat works to increase the heat
flux. As this figure implies, the effect of superheat is more signifi-
cant than the decreasing effect of heat transfer coefficient on the
heat flux resulting in an increase in the local heat flux.

The interconnected effects of the inlet mass flow rate and the
superheat on the average heat transfer coefficients are depicted in
Fig. 14. This is an important condition in multi effect desalination
with thermal vapor compression (MED-TVC) units in which a
constant ratio of DT to _mf is specified during the design phase of
each individual MED unit [35]. The diagram can be considered as
practical thermal performance curves of falling film evaporators
utilized in theMED units both in the design stage and the operation
phase of these units. As shown, the diagram has two distinct trends
for a fixed DT= _mf . In the region I, as the inlet mass flow rate and
consequently the superheat increases, the average heat transfer
coefficient decreases. As it has been already mentioned, the su-
perheat and the inlet mass flow rate have opposite effects on the
heat transfer coefficient. This means the effect of the superheat on
the average heat transfer coefficient is more dominant than the
Fig. 14. Variations of the average heat transfer coefficient with the inlet mass flow rate
at different values of DT= _mf (performance curves).



Fig. 15. Variations of the net water vapor production percentage versus the inlet mass
flow rate at different values ofDT= _mf .
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other effect in region I. In contrast the increasing effect of the inlet
mass flow rate on the average heat transfer coefficient overcomes
the decreasing effect of the superheat in region II. The graph also
points out that the transitionwall superheat separating region I and
II increases as the values of DT= _mf increases. The presented per-
formance curves provide more insights into the operation condi-
tions of MED plants during their design phase.

The percentage of net water vapor production, _mv= _mf , as
function of the inlet mass flow rate is plotted in Fig. 15 at different
values of DT= _mf . As it can be noticed, at a constant value of DT= _mf ,
the vapor quality decreases when the inlet mass flow rate increases
in region I. For instance, the vapor quality decreases by 49% if the
inlet mass flow rate varies from 0.000316 (kg/s) to 0.004 (kg/s) at
DT= _mf ¼ 9500. The decreeing effect of the inlet mass flow rate at a
constant value of DT= _mf on the vapor quality is almost vanishes in
region II in which a higher superheat is available. This graph can be
also helpful in the design phase of MED plants.

Here, the experimental results of two operational MED-TVC
units (Fan Niroo Company [36]), one having two effects and
another four effects, are selected to relatively compare the opera-
tional test data of these units with the obtained thermal perfor-
mance curves (cf. Fig. 14). In MED units, each effect refers to a tube
bundle shield in which the vapor inside the tubes comes from the
Fig. 16. Pictures of experimental un
evaporated falling liquid water of the previous effect. The selected
MED units have a total distillated product of 64 ton/hour. Fig. 16
shows a picture of these MED-TVC units. The experimental data
extracted from the HMI (human machine indicator) of these units
are shown in Table 2.

The average superheat between the tube temperature and the
effect temperature is 4.8 �C and 10.5 �C for the MED units with four
and two effects respectively. The ratio of DT to _mf in both experi-
mental units is approximately 3600.

Since the total distillated product is the same in these two units,
it can be concluded:

h2 effects

h4 effects







Experimental Data

¼ ðADTÞ4 effects
ðADTÞ2 effects

¼ 0:9 (27)

This means, at a constant value of DT= _mf , the average heat
transfer coefficient (the thermal performance) decreases when the
number of effects in the MED desalination units is reduced. It
should be noted that, at a constant value of DT= _mf , a decrease in the
number of MED effects is equal to an increase in the mass flow rate
of the feed water. As the performance curves of the MED units
demonstrated, the thermal performance may decrease or increase
by an increase in the feed water mass flow rate at a constant value
of DT= _mf(Region I or II in Fig. 14). To understand the operating
region of a specific MED desalination unit, one should consider the
values of DT= _mf and the tube surface superheat. Regarding the
given data in Table 2 and calculated data, both mentioned experi-
mental units would work in Region I of the performance curve. At
the next step, the numerical code is executed according to the
conditions of the two experimental units. For the case of DT= _mf ¼
3600 and DT ¼ 4.8 �C (corresponding to the MED unit with four
effects), the numerical simulation gives 4410 (W/m2-K) as the
average heat transfer coefficient. For the case of DT= _mf ¼ 3600 and
DT ¼ 10.5 �C (corresponding to the MED unit with two effects), the
average heat transfer coefficient is 3654 (W/m2-K). Therefore

h2 effects

h4 effects







Numerical Data

¼ 0:83 (28)

As observed, similar to the experimental data, the obtained
performance curve shows the average heat transfer coefficient
decreases by a decrease in the number of effects in the MED
desalination units (or an increase in the feed water mass flow rate)
at a constant value of DT= _mf . It can be seen that there is a good
agreement between the experimental data extracted from these
MED-TVC units and the corresponding numerical data with a de-
viation of about 7.7%.
its with four and two effects.



Table 2
The operational data of two experimental MED-TVC units.

Number of effects 4 2
Total distillated product, ton/hr 64 64
Total feed water mass flow rate, ton/hr 216 216
Feed water mass flow rate per effect, ton/hr 54 108
Steam consumption, ton/hr 9.6 21
Entertainment ratio 0.875 0.7
Feed water temperature, �C 45 45
Discharge temperature, �C 65 70.7
First effect temperature, �C 59.8 59.8
Second effect temperature, �C 55.1 49.7
Third effect temperature, �C 50.5 e

Forth effect temperature, �C 45.7 e

Condenser temperature, �C 45.2 49.2
Specific heat transfer surface area 216 108
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6. Conclusion

Two-phase flow simulation of falling film evaporation phe-
nomenon on a horizontal tube bundle had been studied using the
VOF (volume of fluid) multiphase model based on a PLIC (piecewise
linear interface construction) method in a curvilinear coordinate.
Simultaneous interphase heat and mass transfers were also taken
into account. The governing equations including continuity, energy
and RANS (Reynolds averaged NaviereStokes) equations with the
keε turbulence model were solved by a finite volume method code
based on the SIMPLE algorithm in a non-orthogonal discretization
grid system.

Results showed the average heat transfer coefficient increases at
higher inlet mass flow rate if the tube surface superheat is kept
constant. It was also found that an increase in the superheat results
in a decrease in the average heat transfer coefficient for a fixed inlet
mass flow rate. In addition, practical thermal performance curves of
the falling film evaporators utilized in the MED units are presented.
The performance curves demonstrated, at a constant value of
DT= _mf which is a fixed designed parameter of the MED-TVC units,
the thermal performance of the MED units first decreases and then
increases as the inlet mass flow rate increases. The presented re-
sults provide basic guidelines for the design stage as well as the
operation phase of the MED units.
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